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ABSTRACT

The analysis of the lateral and torsional motion of spinning rotors is replete with applications of Newton's
and Euler's equations. Sometimes the intricacies of these equations overshadow their simpler physica
meaning. This paper attempts to compensate for this by explaining the dynamic behavior of spinning
rotors without writing any equations.

1. INTRODUCTION The Jeffcott rotor model is obviously an

The fi ful del q oversimplification of real-world rotors but it nevertheless
. the Irst successiu rOtOT model was propose sists an understanding of many features of real-world rotor
Fopplin 1895. It consisted of a single disk centrally IocatB

havior, including critical speeds, gyroscopic action, and

ona cir_c_ular shatft, yvithout damping. It demonstrated"ﬂ}ﬁg destabilizing effect of internal damping. The full richness
supercritical operation was stable. Unfortunately, Fop the model is demonstrated in the book by Kramer [2].

published his work in a German civil engineering journal,

‘(’;":rfr:‘m"r‘:ﬁ‘;o']!tﬂl‘; (;Zjd' it at all, by the rotordynamic§ -\ xryRAL WHIRLING (PRECESSIONAL)
FREQUENCIES AND MODES

In 1919 Jeffcott conceived the same model, this )
time with damping, and published his work in a widely read The dynamics of a rotor are not exactly the same
English journal. As a result, in the UK and the USA a sindié the dynamics of a spring-mass system. The reference
disk rotor is called a Jeffcott rotor. Over time many variation&t€ Of the latter is stationary while that of the former is
of the Jeffcott rotor have been studied but its most frequifigtional. Nevertheless, they share the existence of natural
features are a single, rigid disk mounted on a circular, flexifigduencies and natural mode shapes. Let the rotor have a
shaft, which is supported by bearings at each end. ThiSRY! Speed of2 rad/s (6@/2rtrpm) and leQ2 be such that

the configuration that will be assumed in this paper, rotor's reference state is stable. Then if an impact is
Figure 1. applied in the same sens&asthe rotor will whirl in a bent

shape around its reference state at a rate refd/s (/21
Hz). This is called Forward Whirling (FW). If the impact
. ; is opposite to the sensefthe rotor will undergo Backward
- eaivic i Sattaces 1K Whirling (BW). The frequencies of these whirling motions
vy “-nr_ ¥ y are callechatural whirling (precessionalyequencies and
e - e e r the associated shapes are calletural whirling
T (precessional)modes.

For a Jeffcott rotor with a non-central disk the FW
and BW natural whirling frequencies are different functions
Figure 1: The Jeffcott Rotor, Courtesy of [1]. of Q and will diverge when plotted agair@t The root-
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Rotor Dynamics without Equations 3

cause of this divergence is the wobbling of the non-centnabdes is equal to the ODS. This is known as the
disk during whirling. The interaction of this wobbling motiomotordynamicexpansion theorem

with the disk angular momentum vector produces an effeet N

that increases the FW frequency and decreases the |t ¢ - Timing
frequency. Although somewhat of a misnomer, this effe Mark
has acquired the adjectivgyroscopicThis gyroscopic
effectis particularly prominent if the disk polar mass mome
of inertia is much larger than that of the shaft.

Baaring Journal

The determination of the natural whirling
frequencies and modes is a mathematical eigenval
problem; that is, a problem in linear algebra and not a proble
in vibration response. As in all eigenvalue problems t
eigenvectors (natural whirling modes) aréefinitg being
determined only to a multiplicative constant. Choosing a valtigure 3: A pical Operating Deflection Shape (ODS) for Jeffcott
for this constant is known as normalization. There are Rotor, Courtesy of [1].

numerous eigenvalue solvers that one can employ but, of | ihis review we shall be concerned mainly with

course, one should never accept the results ofasolverwiti&qprS for which the whirling rate is equal to the spin

performing a reality check. For example, the fundamengzbleed' a condition known agnchronous whirling.

FW and BW eigenvalues (natural whirling frequencies) can
be checked by means of the Rayleigh method described by Synchronous whirling is caused by unbalance

Lalanne and Ferraris in [3]. (imbalance) and plots as a straight line of positive slope in
w,Q coordinates. It is also referred to as the one-times-
3. OPERATIONAL DEFLECTION SHAPES spin speed line and labeled 1X.

Consider a Jeffcott rotor as in Figure 1 that has gn

unbalanced disk, i.e. a disk with an offset e between %['SEQUATIONS OFMOTION
center of mass (point G) and its center of rotation (point S) To make the major point of this brief discussion of
as in Figure 2. the rotordynamic equations of motion (EOM), it is sufficient
- ~ to limit the model to a low spin speed, synchronous,
undamped Jeffcott rotor. The point is the avoidance of a

\\ Nowes ¢ e conceptual trap, which must be avoided if one is to be true
e e | e e e {/f‘b"i.mﬁ to the principles of mechanics.

k!

_.L_..,..'_.__-_-_4._.-...-._.7_1_,:, Y LT There are two basic ways to formulate the EOM:
A "I‘x write them with respect to stator-fixed (inertial)
\\ L] f 0 u.__L__,f” coordinates (XYZ) or write them with respect to rotor-
Rigid Fricsaicss Bearings S fixed (non-inertial) coordinates (xyz). Rotor-fixed
Nar Dhampeang coordinates are best if the rotor geometry is non-axially
symmetric and stator-fixed coordinates are best if the

bearing and/or seal force distributions are non-axially
Figure 2 : Jeffcott Rotor Configuration for Low Spin Speed, Courtesgymmetric.

of [1].

- J

In stator-fixed coordinates, the centripetal

As the rotor spin speed increases, this offset V\ﬁﬂent_er-seeking) acceleration of the disk center of mass
cause point S to move outward relative to the beariffgh) iS caused by radial forces at the bearings, see Figure
centerline (axis B) thereby producing a forced whirlinj(@). In rotor-fixed coordinates, the cm is motionless
motion. Forced whirling is a dynamic response motion wii{!t Since the coordinate system is non-inertial the cm
a definite shapgecalled theOperating Deflection Shape@cduires a centrifugal (center-fleeing) force, which is
(ODS); atypical example is shown in Figure 3. Itis importaiftacted by radial forces at the bearings, see Figure 4(b).
that the natural whirling modes not be confused with tHeStator-fixed coordinates, the rotor forcing function (the
ODS. Although different in concept, they are related. Fdght-hand-side of the EOM) is generated by geometric
each spin speed a set of weighting factors can be fohtgCts, not force effects.
such that the weighted sum of the normalized natural whirling
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e N forcing due to unbalance and natural frequencies and, as
z such, are a rotating system's analog to resonance in a
G T_ stationary system. Resonance is associated with a local
t peak in amplitude (o-p) and a shift in phase. The same is
P ¢ . FF true for a rotating system only with the substitution of the
term critical speed for resonance.
B - — 2
H
el _|_-_.__ _._._._._._l..
Figure. 4a: Stator Fixed Coordinates (XYZ), e02’ is * %
centripetal acceleration 'L
L
RIGID BEARINGS
DISK: Steel SHAFT: Steel
Inner Radius 0.01m Length 0.40m
Outer Radius 0.15m Radius 0.01m
Thickness  0.03m | Modulus 2x10!N/m?
Density 7800 kg/fp Density 7800 kg/rh
. J
) Figure 5: Material Properties and Dimensions of a Jeffcott Rotor,
Figure 4b: Kotor Fixed Coordinates {xyz), Mef2 is Courtesy of [3].
centrifugal force oY A
\. ) 5

Figure 4: Undamped, Low Spin Speed Jeffcott Rotor in Stator and Rgto
Fixed Coordinate Systems, Adapted from [1].

The conceptual trap is the use of centrifugal forge
in stator-fixed coordinates. The principles of mechanics tel
us that centrifugal force does not exist in inertial coordinatgs
But the gods of mechanics must like irony, because if yjot
fall into this trap you are still likely to get the correct EO

s WHIRL F RECY, |Hz]

The EOM for non-synchronous whirling and fo

non-central disks can be found in Kramer's book (plenty|o g 2004 4000 &000 BiK) 1000

equations there!). SPIN SPEED [HPM) ‘

5. LATERAL CRITICAL SPEEDS Figure 6: Campbell Diagram of the Rotor in Figure 5, Courtesy of [3].
In 1924 Wilfred Campbell had the useful idea of The rotor of Figures 5 and 6 is a special case since

superimposing the synchronous response line on the E\g&n be shown thdR, is a critical speed bu®, is not.

and BW natural whirling frequency lines, giving us théhat is, atQ, the steady state unbalance response curve
Campbell diagram (interference diagram). At this point, W8OWs no peak and no phase shift. This is illustrated in
change our model to a Jeffcott rotor with its disk at the orfdgure 7. The reason for this unusual behavior is the axial
third point of itsshaft and with the geometry and materi@ymmetry of this single-disk rotor. One can show that the
properties given in Figure 5; its resulting Campbell diagra&YV mode vector is orthogonal to the unbalance force vector
is shown in Figure 6. The intersections of the synchrondif, as such, energy cannot be fed into the backward whirl.
line with the FW and BW natural frequency curves atethe rotor is not axially symmetric (asymmetric), these
denoted by points Aand B and the corresponding spin spe&fgors are no longer orthogonal and b&thand) ,

by Q, andd .. These intersections represent a matchingicome critical speeds. Since real world rotors have various
" ° asymmetries this would be the usual case. Nevertheless, it
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is certainly curious that a FW force can excite a BW motiarcognition or even visual observation.

unbalance response of the rotor in Figure 5 with

Figure 8 shows the undamped, steady sta F il
asymmetry along the Z-axis (a single spring at the tW § =™ 2 L
I
[

thirds point of the shaft) and, in contrast to Figure 7, it sho

response peaks at bdi) andQ,. )
L]
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Figure 7: Mass Unbalance Response of an Axially Symmetric Ro
Corresponding to Figure 5, Courtesy of [3].

Figure 8 has another feature that desery, |
discussion. The response curve is a plot of the maxim{ | ™ il
amplitude at some point on the rotor's ODS. In accorday *
Wlth the rotordynamic expansion theorem, this ODS_ I_SFlaure 8: Mass Unbalance Response and Orbits of an Asymmetric Rotor
Welghteq sum of the forwarc_i and backwgrd natgral whirlin Corresponding to Figure 5, Courtesy of [3].
modes, in this case producing the elliptical orbits shown at
the bottom of the Figure. More interestingly, the weighting Up to this point only rigid bearings have been
factors are a function of spin speed so that @«2520 considered. The flexibility of oil-filled journal bearings
rpm the FW mode is dominant and the ODS is in FW. Aboig usually incorporated into rotordynamics using a
2520 rpm the BW mode becomes dominant and the OD8near approximation, i.e. in the form of two direct
in BW. The rotor then passes through the BW critical spediaid two cross coupled stiffnesses for small motions
at 2642 rpm. This whirl conversion occurs again at 2888ound the steady load position of the shaft. Similarly,
rom, the ODS converting back to FW. The FW critichbur damping coefficients can be determined. These
speed is passed at 3377 rpm and the ODS remains in ¢ght dynamic coefficients are functions of spin speed,
for all higher spin speeds. This behavior is mirrored in tagiong other parameters. Bearings with finite stiffness
changing orbits at the bottom of the Figure. Notice that W8l affect a rotor's natural whirling frequencies and
elliptical orbits flatten into straight lines at the FW-to-BWhereby its critical speeds. See Figure 9, which is an
and BW-to-FW transition points. Flat orbits also occur gxample of a critical speed map (CSM). Notice that
rotors with mixed whirl where they separate the regionswhen the bearings are soft, i.e. much less stiff than
FW and BW. the shaft, the two lowest critical speeds are “rigid”

body modes, one cylindrical (translational) and the

In practice, the BW response peaks are not usuglly, o conical (pivotal). As the bearings increase in
observed.FW synchronous circular orbits have froz%‘f‘iffness, these “rigid” modes are transformed into

stresses”, i.e. the s_tresses dq not cycle. On the other hBBﬂding (flexural) modes. To insure adequate damping
BW synchronous circular orbits have stresses that cycle 8ty ihe bearings it is advisable to keep the ratio of

a frequency of Q. Hence if rotor damping is stress cyclg, o compined bearing stiffness to the shaft stiffness
dependent, BW modes can have much higher damping tJafi, v a value of about 7.

FW modes and, furthermore, this damping increase<ith
This higher damping can suppress the BW response peaks
below the level of API (American Petroleum Institute) code

'ﬂ_‘\._
b
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of the landmark papers of rotordynamics [6]. Lund solved
the damped rotor eigenvalue problem and thereby revealed
several new phenomena. Among them the fact that for
sufficiently high damping up to two modes can become
overdamped and thus disappear from the Campbell diagram,
along with their critical speeds. Subsequently, Lalanne and
Ferraris verified this and, in addition, found that it is possible
for highly damped FW and BW loci to cross thereby inverting
the order in which one would expect to encounter their critical
speeds. However, the major benefit of Lund's analysis is
the ability to obtain the damped (complex) eigenvalues. The

Solt SEppory =— — Rigid support

" —
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o =roa rotor === Tlexible] 1 real parts of these complex eigenvalues provide a mode-
. -J-w-'*‘-—-l-mﬂ—-—wu'—ll--uu by-mode measure of the margin against instability. For this
10 10 1o reason, some API codes require the calculation of the

Liff L i
Jupport stiffness M'e damped eigenvalues.

Figure 9: A Typical Critical Speed Map (CSM), Courtesy of [4]. If the rotor has prestress, additional stiffness terms

The CSM provides a convenient format fognter the EOM and affect the critical speeds. Such effects

determining how the speed dependent bearing stiffnesgéimportant in rotors with high thrust loads. In the case of

affect critical speeds. For example, consider a bearing vttt shell-like rotors additional stiffness terms may be required

different direct vertical stiffness, kand direct horizontal t0 account for so-called spin stiffening. If the prestress is

stiffness, k. When the spin speed dependence of thé to a steady torque, the critical speeds will be reduced
coefficients are overlayed on a CSM, the intersectioahough this effect is small and commonly ignored unless

indicate the resulting flexible shaft-flexible bearing criticdhe torque-induced stress is very large. However, the

speeds, see Figure 10. Notice that there are, in fact, 8MB€rposition of a pulsating torque on the steady torque can
critical speeds at each crossing point. These are called §pfite lateral instability and, as such, itis the more important

criticals. Rotors have been known to reverse their wHprque effect.

direction betweeisplit criticals. In the cases where split Of course, flexible bearings are housed in flexible

criticals are well spaced, one should avoid concluding that oot stryctures, which usually have strongly asymmetric
the first two criticals have been passed when only the fitgkt o5 properties. Only rarely do these flexible support
split criticals have been passed. The CSMis also usefulif), . res have no effect on critical speeds. In fact, as

deciding whether the intended operating speed rangg-i§,ieman [5] has pointed out, if there is no effect, the support
compatible with the locations of the lateral critical speedgy ,cture is probably overdesigned.

4 ) If the rotor is part of a prototype or a commissioned
machine, the critical speeds can be obtained by
measurement. There are many general purpose and
specialized signal analysers that, together with appropriate
proximity probes, can measure the 1X amplitude and phase
as a function of spin speed. These data can then be used to
generate @8ode diagram and/or a Nyquist diagrand

peak in the Bode amplitude diagram corresponds to a critical
speed provided it is also associated with a phase change. If
the Bode diagram has an amplitude peak without a phase
change, it is likely to be a support structure resonance. In
practice, these data are usually obtained from a coast-down
test of the machine from an initial state of thermal
STIFFMESS equilibrium. An alternate display of such datagpactrum

~ Z cascade diagrantlowever, cascade diagrams do not
Figure 10: CSM with Superimposed Spin Speed Dependent Beaii¢htain phase information.

Stiffness, Courtesy of [5].

BEARING BTIFFMEES

SPEED - FREQUEMNCY

CRITK &L 8PEED

Hyx v Ky

The effect of the external damping in the bearings When the rotor spin speed approaches one of the

on lateral critical speeds was studied by Jgrgen Lund in chal speeds the rotor ODS approaches the corresponding
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natural whirling mode shape. By running near a criticde motor shaft in its operating speed range, none of which
speed and making amplitude measurements at discrete axmbn the 1X line. Analysis of the pinion, pump shaft, and
locations, one can use interpolation to estimate the natimgbeller system in [8] reveals another four critical speeds,
whirling mode shape. However, such measurements must¢ of which is on the 1X line. Due to low levels of the
be regarded with care since more than one mode shapeezaitation or high levels of damping, some of these critical

fit the same set of discrete data. speeds may be ignored. The ones that cannot be ignored
become the design-sensitive critical speeds. It is good

6. TORSIONAL CRITICAL SPEEDS practice to verify this by performing a forced vibration
analysis.

The effect of torsional vibration on a rotor is
sometimes slighted, often to the eventual chagrin of ﬁ
designer since it is a frequent failure mode for rotatipg
machinery. Paradoxically, only a few rotordynamigs
textbooks discuss torsional vibration and even thgi
somewhat briefly, Walker's text [7] being an importapt
exception.

B \

The general principles for finding torsional critic
speeds are similar to those for lateral critical spee
However, there are some specific differences. The torsign &
natural frequencies are independent of spin speed so th=
plot as horizontal lines on the Campbell diagram. Also,
primary source of 1X excitation is shaft eccentricity rathg
than unbalance. In addition, torsional damping is differepi
It is usually much less than lateral damping, which make
the avoidance of torsional critical speeds all the mqr
essential for machine reliability and durability. The torsiona
damping in journal bearings and rolling element bearing$ i
usually assumed to be zero. The major sources of extel
torsional damping are the characteristics of the rotor's |gagyre 11: Torsiongl Campbell Diagram for the Motor-Shaft Section of a
and/or its driver. Internal damping arises from the hysteretic ' MP Driven through a Gearbox, Courtesy of (8]
damping of the rotor material (usually small) and/or the drive Everything above is for steady state vibration.
train couplings (usually large). Information on torsiondh the case of electrical turbomachinery trains,
damping is rare but some can be found in [8]. transient vibration can govern the design. Reference

] considers a turbomachinery train that has five

— . S V4
The dete_rmlnatlpn of the ap_proprl_ate ex_cr[atlo_n I'n‘lﬁeam turbines, a generator, and an alternator, all in
on a Campbell diagram is a central issue in torsional wbratl[ n

i ) : . S ndem. The system is subjected to a full-load
analysis. A typical diagram is shown in Figure 11, tak?Qjection i.e. the turbines abruptly stop delivering
from [8]. o

driving torque and the generator and alternator rotors
It represents just the motor-shaft section of a purgnultaneously stop generating electrical power. A

driven by a motor through a gearbox. The motor is a twipansient analysis shows that the peak transient torque
pole induction motor with a variable frequency six pulde the alternator shaft is 7 times its steady state value.
VSI (voltage source inverters) drive. Its operating speéie moral of this example is that some shaft spans
range is 1000 rpm to 1800 rpm. The motor shaft gear hagy have to be designed to carry much more torque
25 teeth. The excitation lines will then have the followirigpan is predicted by the steady state analysis.

order numbers: motor 1X, 2X, variable frequency drive 6X,

: As for lateral critical speeds, torsional critical
12X, 18X (higher orders are not shown), gear mesh 25>§'peeds can be obtained by measurement. However,

An eigenvalue analysis showed that the first fotlhe measurement of the oscillating twist of a rotor is
natural frequencies are 50 Hz, 220 Hz, 340 Hz, and 500 Bemplicated by the fact that the rotor is spinning. As
These are shown as horizontal lines on Figure 11. Inspecsitated in [9]: “Lateral vibration is easy to measure
of the resulting intersections, shown as black circles on tard difficult to predict. Torsional vibration is difficult
figure, indicates that there are six putative critical speed$¢@fmeasure and easy to predict”

UNEEY {Hz)

RE

o 500 100 1500 2000 i u] KHE
MOTOR SPLCD (RS )
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7. INSTABILITY point where today this instability is seldom encountered.

Passive torsional systems do not become unstable.  Fluid stiffness cross coupling occurs in many
On the other hand, lateral instabilities have long vexed #garings and some seals. The forces associated with cross
rotordynamics community. No sooner had Jeffcotpupling stiffness can insert power into the rotor and if this
demonstrated that supercritical operation of an externaligwer exceeds the power extracted by the direct fluid
damped rotor was stable than Newkirk describeddamping forces, the rotor will become unstable. The spin
supercritical instability due to internal damping (1924) andsgeed at which this instability threshold occurs is best
year later, an instability due to oil action in journal bearingdetermined by solving the damped eigenvalue problem. The
Subsequently, additional instabilities have been discovergfdn speed at which the real part of the damped (complex)
_ _ ) . eigenvalue first passes through zero from negative values is
_ Ifalinear, stationary rotor has symmetric, positivg,s jnstapility threshold. Mitigating the effects of cross
definite mass, stiffiness, and damping matrices, it will RS\ hjing in bearings or seals is something of an art form,
stable, i.e. all perturbations will decay back to the refererH:@d”ng with tradeoffs among bearing clearance, bearing
state. However, the addition of rotor spin givesarotatiorp&lj‘ding, and bearing asymmetry, as well as many other
bias to the rotor and, as a result, these matrix Symmetfgs, eters. Bearing clearance has a particularly tricky
are broken. In particular, the mass, stiffness, and dampingye - increasing bearing clearance reduces the cross
matrices can acquire a skew-symmetric _com_ponee&up”ng stiffnesses but it also reduces the external damping,
Indeed, the peculiarity of roto_rdynar_nlcs IS thﬁ1aking internal damping more of an instability threat. The
occurrence of such skew-symmetric matrices alongsidg,e\vhat paradoxical rule is: loose is better than tight but
the familiar symmetric onds.can be argued that thes‘?‘l_ot too loose. The most common means of mediation is the

skew-symmetric components are zero or inconsequentigl, of tiiting-pad bearings, which have little, if any, cross

for the mass and external damping matrices; however, g&%pling stiffness. The uninitiated, or the uncertain, in this

skew-symmetric component of the stiffness matrix ig; 15m would do well to consult the work described in [10]
consequential. and [11].

Analysis shows that the symmetric component of The usual end state of fluid-induced instability in a

the stiffness matrix produces conservative restoring forggs,, supported by oil-filled journal bearingsdi whirl

and its elements are properly called stiffnesses. The skgjhogn it is possible for the end state to skip oil whirl and
symmetric component produces non-conservative tangengial . - - o i whip. Figure 12 shows a spectrum cascade
forces that can insert power into the rotor during eag gram of oil whirl and oil whip.

revolution and hence it can be destabilizing. It is clearly
inappropriate to call the skew-symmetric matrix a stiffness Several features of this diagram are worth noting:
matrix; instead, it is conventional to call it tbieculatory 1

: L : The instability threshold is subcritical (although it is
matrix to reflect its circulatory action. y ( g

possible that the threshold is supercritical with respect
Two common rotordynamic phenomena give rise  to an overdamped mode).

to a circulatory matrix: internal damping within the roto.
and fluid stiffness cross coupling in the rotor's bearings and
seals. In the former, the elements of the circulatory matgix Oil whirl and oil whip are subsynchronous.
are the equivalent internal viscous damping coeﬁicients;4|:n
the latter, they are the fluid cross coupling stiffness
coefficients.

Oil whirl is a harbinger of oil whip.

The frequency of oil whirl tracks the spin speed at a
fixed ratio slightly less than 0.5 (0.475 in the case
shown).

Internal damping is due primarily to friction at roto

component interfaces. When the power inserted by inter%al
damping exceeds the power extracted by external damping
(e.g. support bearing damping and windage damping), éhe The rotor excursions during oil whirl and oil whip
rotor will become unstable. For this instability to manifest exceed those due to unbalance and can cause the
itself the rotor must be operating above a critical speed journal eccentricity ratio to approach unity.

whose mode shape promotes interfacial friction and it must _ L . .

be in FW. The end state of this instability is - Dueto r)onllnearo!lactlon_at h!ghjc_)urnal e(_:cen'_[rlcny,
subsynchronous whirling at a critical speed. Much practical "€ motions associated with oil whirl and oil whip are
progress has been made in eliminating or reducing the Pounded, nonlinear cycles knownlasit cycles.

sources of internal damping in modern built-up rotors to the

The frequency of oil whip is constant and near a flexural
critical speed, typically the lowest one.
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8. The size of the oil whip limit cycle is larger than that durprising that the best predictor is full-load, full-speed
oil whirl. factory testing.

The rotor shape during oil whirl is predominatelp. CLOSURE
rigid body hence its behavior is governed by bearing _ _ _
properties; the rotor shape during oil whip is predominate%¥ The premise of this review paper has been that

flexural with nodes at or near the bearings hence its beha@fd¥Sical insight into rotordynamic phenomena is every bit

is governed by rotor properties. Thus, as shown, oil whir§ US€ful as an understanding of the associated EOM and
speed dependent and oil whip is speed independent. their computa_tlonal algorithms. In this rgspe_ct, the author
has been motivated by a comment by Childs in [13]: “...the

quality of [rotordynamic] predictions...has more to do with
the physical insight of the rotordynamicist than the particular
algorithm used...superior algorithms ...will not cure bad
: models or a lack of engineering judgment”

10. ACKNOWLEDGEMENT

The author would like to thank Mr. H. E. Alpaugh
for his considerable help in editing and formatting the text
and for several refinements of the figures.

1 1 sl
E P T e e

st LI STt

: i ] P I 11. REFERENCES
B g - 11 PREGEM™ 16 ol iy RETag rHa
§Ey il A S I Ll Ty ol A g Ty

1. Eisenmann, R.C. and Eisenmann, R.C. Jr., Machinery
Malfunction, Diagnosis, and Correction, Prentice Hall,

Figure 12: Cascade Plot showing Oil Whirl and Oil Whip in a Bench Top 1998

Rotor Rig, Courtesy of [4]. 2. Kréamer, E., Dynamics of Rotors and Foundations,
Oil whirl and oil whip motions are superimposed on ~ Springer-Verlag, 1993
the synchronous motion giving rise to orbits with an internal
loop. They are FW motions, although Figure 12 shows
evidence of a small amount of BW motion, which may be
due to a small rub. 4. Yamamoto,T. and Ishida, Y., Linear and Nonlinear
Oil whirl is the most common fluid-induced instability ~ Rotordynamics, Wiley, 2001
end state in real-world machines and oil whip is the m%st
dangerous. Real-world machines have been allowed to Tun
with oil whirl provided the whirl limit cycle does not use up
more than 50% of the bearing clearance. However, it should VOl- 7, no. 1, 1991
be remembered that subsynchronous motion will genergte Lund, J., “Stability and Damped Critical Speeds of a

alternating stresses and a fatigue failure of a high energy Flexible Rotor” ASME Journal for Industry, vol. 96
rotor is a highly hazardous event. no. 2, pp 509-517, 1974

Finally, in assessing rotor instability as a whole, it . . .
useful to repeat some advice offered in [12?:. Walker, D.,.TorS|onaI\ﬁbrat|onofTurbomachlnery,
McGraw-Hill, 2004

“Instabilities. ..pose a serious challenge to the designer, since
there are many different mechanisms to be dealt with. The ~qorho. M. and Malanoski. S. “Practical Design

difference between a stable and an unstable machine may Against Torsional Vibration” 21st Annual Meeting of
be very small in magnitude and subtle in nature, so that the the Vibration Institute. 1997

occurrence will vary from unit to unit of the same design
and even from time to time on the same unit” 9. Leader, M. and Kelm, R., “Practical Implementation
Given the modeling uncertainties that affect the Of Torsional Analysis and Field Measurement”

prediction of instability thresholds and our imperfect ~National Technical Training Symposium of the
understanding of the physics of many of them, it is not Vibration Institute, 2004

Lalanne,M. and Ferraris,G., Rotordynamics
Prediction in Engineering, 2nd Edition,Wiley, 1997

Eshleman, R., “Resonance and Critical Speed Testing:
Part lll, Critical Speed Testing Techniques, Vibrations,




10 F.C.Nelson

10. Leader, M., “Rotor Dynamics as a Tool for Solving2. Ehrich, F. and Childs, D., “Self-excited Vibration in
Vibration Problems” National Technical Training  High-Performance Turbomachinery” Mechanical
Symposium of the Vibration Institute, 2003 Engineering, pp 66-79, May 1984

11. Leader, M., A Short Course on Journal Bearings3. Childs, D., Turbomachinery Rotordynamics,
Applied Machinery Dynamics, P.O. Box 157, Wiley,1993
Dickerson TX, 1998




